is analyzed as a cantilever beam with the addition of semi-empirical service and geometry factors. If the maximum calculated bending stress is less than the endurance limit strength of the material then it is presumed that no tooth breakage will occur [5 - [24] which reported that fatigue spalls on gears occurred in the region of the pitch point.
Fatigue Theory
The fatigue-life model proposed in 1947 by Lundberg [17] is the commonly accepted theory to determine the fatigue life of rolling -element bearings. The probability of survival is expressed as follows, 
tion (1) was determined [23] . Therefore, the equation for life with a 90-percent probability of survival may be written as follows.
1/e (!Jzho Much of the work by Lundberg and Palmgren was concerned with con- necting the basic equation to common bearing geometry and operating parameters. In order for the theory to be directly useful and not involve cumbersome calculati o ns, the same approach is used here for gears.
In the next sections a rational way of treating the stress, stressed volume, and number of stress cycles for gear systems is presented. The derivations that follow deal mostly with helical geometry. By setting the helix angle to zero, the equations that follow apply to spur gears.
Maximum Hertzian Contact Stress
Current gear design practice is to estimate the stress at the pitch point of the teeth by assuming line contact between two cylinders whose radii depend on the curvature of the helical gear teeth at the pitch 2oint. The unit loading on the contact line is estimated by assuming that the teeth are infinitely rigid and the load is distributed uniformly along the line of contact [25] . Another method of calculating load distributions by Matsunaga [26] is based on the assumption of a constant deflection of the teeth in mesh at any point on the line of contact. His calculations are made using an e.ctension of the semi-empirical In view of the foregoing observations, the classical approach to estimating the contact stress seems to be most appropriate at this time. Figure 1 shows the necessary geometry for estimating the Hertzian contact stress aL the pitch point. Assuming line contact, the maximum Hertzian pressure is calculated by the formula [23] qo b(
where Z . is the length of the contact line and the load normal to the face of the tooth at the pitch point is given by Wt cos h cos ^t (4) In the case of spur gears the length k is the same as the face width in contact. According to Hertz t s theory for line contact, the equation for the semiwidth of the contact is [23] 
where cos EP ^b r + r (6) sin^t 1 2 The depth to the critical stress and the maximum critical stress for In the case of helical gears of low axial contact ratio, equation (9) becomes less accurate. Its use shouli be reserved for gears with axial contact ratio near two. Por other cases Z should be calculated from the geometry in figure 2.
Stressed Volume
The volume representation which accounts for the size effect of the material in relation to the extent of the stress field was derived in [22] for spur gears. The following expression for stressed volume results V -V spur = 4 fZ a £ (10) where R is the involute length in the zone of single tooth contact.
The product f£ is therefore a representation of the spur gear tooth surface area which is under contact stress. The factor 3/4 wss introduced in [17] . This factor was used because a uniform stress distribution across the width of cylinder results when the semimajor axis of the contact ellipse is equal to U/4.
In the case of helical gears the stressed volume is derivud in [23] as V = helical = 4 f,., sec ^b (11) where t denotes the length of involute in the transverse plane. The length R in the case of spur gears was taken as the involute length over the region of a single-tooth pair in contact. In the case of helical gears there is no equivalent length due to the gradually changing nature of the load sharing between the teeth. Therefore, several ways to treat the length may be possible depending on which assumption seems most reasonable for that situation. The simplest choice for t would be to use the entire length of involute for which there is tooth action. This would be consistent with the assumption thaL the helical teeth are infinitely rigid and the only variation in tooth loading is caused by the changing length of the contact line as described in figure 3. An alternate assumption is that the length is calculated as for a spur gear using the transverse plane geometry. The second method is consistent with the assumption Chao the helical teeth can be modeled as spur teeth which are slightly displaced from one another along the hel;:x anrl<, as shows, in figure k. It is further assumed that there is no ine,eease in stiffness of the elemental spur section caused by the adjacent spur sections. Therefore, these two cases are extremes which bracket the true load sharing ability of the helical gear teeth, and the results should provide reasonable lower and upper bounds to the statistical ar ilysis of the life of a helical gear set.
Theoretical Gear Life and Dynamic Capacity
The load and geometry parameters of equations (3), (k), (5), (7), (8) , and (11) are now combined with the basic life theory of equation (2).
The result is an equation for the number of revolutions that a steel gear can endure with a 90-percent probability of survival of a given tooth. By definition, the dynamic capacity W tp is the transmitted tangential load that may be carried for one million revolutions of the input drive,
The next step in the derivation is to develop the lives and dynamic capacities for the entire pinion, gear tooth, and entire gear, and finally for the system which is composed of the gear and pinion in mesh.
The means of relating the lives and dynamic capacities of the pinion and gear to the life and dynamic capacity of the single pinion tooth is given by bssic probability theory for independent events. For example, the probability of survival of the pinion is given by
S = SN1 (14) p
Following this assumption, for 90-percent reliability, the lives of the pinion, gear, and mesh can be developed with the use of equations (1) and (14) .
The resultant lives listed here are expressed in terms of millions of pinion rotations. Details of the derivation are in [22] . Ll (18) The dynamic capacity of the gear tooth is given by
For the gears in mesh the dynamic capacity is
if equation (12) The test rig is belt driven and can be operated at several fixed speeds by changing pulleys. The operating speed for the tests reported herein was 10 000 rpm.
Test Lubricant
All test° were conducted with a single batch of super-refined The pitch-line elastohydrodynamic (EHD) film thickness was calculated by the method of Grubin [28] . It was assumed, for this film thickness calculation, that the gear temperature at the pitch line was equal to the outlet oil temperature and that the inlet oil temperature to the contact zone was equal to the gear temperature, even though the oil inlet temperature was considerably lower. It is probable that the gear surface temnrtrature could be even higher than the oil outlet temperature, especially at the end points of sliding contact. The MID film thickness for these conditions was computed to be 0.65 micrometer, (26 pin.), which gave a ratio of film thickness to composite surface roughness ( h /0) of 1.13. It should be remarked here that in the original work [17] the Weibull slope a was assumed to be independent of the stress level and reliability level S. There is some evidence in [15] showing that the exponent a is dependent on the stress level. However, the value of e used above is a representative value at the stress level used in the gear tests performed at NASA.
Two cases are calculated in table VI. Case I was done using the length of involute in the heaviest load zone of single tooth contact giving a life of 54.9 hours. Case II was done using the entire involute length for which there is tooth contact giving a life of 33.2 hours.
The predicted life can be considered a reasonably good engineering approximation to the experimental life results. However, the theoretical prediction does not consider material and processing factors such as material type, melting practice, or heat treatment; nor does it consider environmental factors such as lubrication and temperature. All thew factors are known to be extremely important in their effect on rollingelement bearing life [30] . There is no reason why these effects should be significantly different in determining gear life from those in determining gear life where pitting fatigue is the life-limiting criterion. However, further experimental work is needed to give statistical significance to those exponents and the material constant. 
